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A B S T R A C T

Marine thruster lip seals pose a condition monitoring challenge, yet they are seldom studied tribologically. The 
present work studies the behavior of a 300 mm diameter NBR marine thruster lip seal (n = 3) under typical 
operating conditions. Frictional torque and subsurface temperature were measured under 27 combinations of oil 
temperature, oil pressure, and rotational speed. The frictional torque increased with increasing oil pressure and 
decreased with increasing oil temperature. The subsurface temperature increased with increasing oil tempera
ture, oil pressure, and rotational speed. There was no clear relation between the frictional torque and subsurface 
temperature. The frictional torque ranged 9.6–14.4 Nm, and subsurface temperature 57–94 ◦C. Preliminary wear 
measurements showed a wear track width of 0.2–0.3 mm and a wear rate of 0.031 ± 0.001 mm3/hour.

1. Introduction

Rotary lip seals are widely used in many technical fields, one of 
which is the marine field. Marine lip seals are critical components for 
ships since they seal the marine thruster gearbox lubricant and gears 
from seawater, debris, or contaminants. Therefore, their failure may 
lead to significant oil leakage to the sea, or seawater leakage to the 
gearbox, which may result in significant mechanical damage to the 
gearbox. Furthermore, replacing marine lip seals requires dry-docking 
the ship, which is an expensive and time-consuming process. A routine 
dry docking takes place every five years as a part of a mandatory major 
service for marine vessels, during which the seals are replaced. Since 
replacing marine seals requires dry docking, an unexpected seal failure 
during normal operation results in additional costs and vessel downtime, 
which marine vessel operators desire to avoid. Lip seals may also leak 
during operation, which is a minor mechanical issue but a major envi
ronmental one. Oil leakage during regular operation of lip seals is esti
mated to be 1–10 liters per day for a single thruster [1].

A marine lip seal package typically consists of three to five lip seals of 
the same size, such as the package shown in Fig. 1, which has three lip 
seals. Multiple lip seals are used to prevent the oil and water from mixing 
since a single lip seal does not separate fluids [2,3]. The direction of each 
seal in the package is chosen according to the design philosophy and the 
role of the seal. For instance, in Fig. 1, the leftmost seal has seawater on 
the spring side, so it seals the seawater from the oil, but seawater may 
leak past this seal due to fluid mixing. The middle seal acts as an addi
tional barrier to stop the seawater from leaking further towards the 

gearbox. The rightmost seal has the gearbox cavity on its backside, and a 
supply of barrier oil on its spring side. The barrier oil is the same as the 
gearbox oil, and is typically supplied to the spring side of the rightmost 
seal at a higher pressure than seawater and gearbox cavity oil. This 
ensures sufficient radial force for the seal during regular operation, and 
acts as a barrier in case of critical seal failure, flowing towards both the 
gearbox cavity and the middle seal. The middle seal has two roles; it 
seals the barrier oil and prevents it from flowing to the sea, and acts as a 
redundant seal in case the rightmost seal fails. If the middle seal fails, the 
higher pressure of the barrier oil may cause the leftmost seal to lift off, 
resulting in constant leakage. This is designed as a less critical mode of 
seal failure since it prevents seawater ingress to the gearbox.

A lip seal works by way of the reverse pumping mechanism, pro
posed by Müller [4] and Qian [5]. When the shaft rotates, it deforms the 
contact width of the lip seal tangentially, deforming the asperities at the 
contact to form an asymmetric V-shape. The asymmetric deformation of 
the asperities causes them to act as two opposite vane pumps. As a result, 
two axial oil flows are produced, one to either side of the lip seal. The net 
oil flow in a successful seal is towards the spring side, i.e., towards the 
sealed fluid. The rotation of the shaft also drags the oil at the contact 
over the asperities, creating tangential oil flow, which increases the local 
oil pressure and generates a lubricant film between the lip and the shaft.

There have been numerous numerical models of lip seal behavior, 
with varying degrees of complexity and experimental agreement. The 
first of such models [6–8] were published with the advancement of 
computing power, where a constant film thickness was assumed. The 
models consisted of solid mechanics and fluid dynamics analyses. The 
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former was used to calculate the contact pressure at the lip, while the 
latter was used to calculate oil flow velocities, oil pressure distribution, 
and flow cavitation. The frictional torque and pumping rate of the 
studied lip seals were calculated using the models and verified experi
mentally [7–15]. Subsequent models were more advanced; some 
calculated the radial and tangential deformation of the lip at every step 
[16–20], and some calculated the frictional heat and contact tempera
ture [14,19–21]. Some models considered viscosity dependence on 
pressure and temperature [20,22], non-Newtonian behavior [23], or the 
transient behavior of lip seals [18,24–26]. In recent models, the flow 
factors method was adapted to solve the fluid dynamics part [17], lip 
seals were modeled as a lumped parameter system [27], and the effects 
of material aging [28,29] and wear [22,30–33] on lip seal behavior were 
studied. The numerical models provide insights into the physical phe
nomena at the contact. However, they have some limitations, such as the 
need for experimental verification, the limited applicability to the tested 
seal, and that some models are verified against reversely installed seals. 
A seal is reversely installed to measure leakage and verify the model. 
However, this reduces the measured frictional torque [34,35]. Although 
marine lip seals share some similarities with those studied in the models, 
their behavior cannot be reliably predicted by such models without 
experimental verification due to differences, such as the larger diameter, 
harder rubber compound, different lip geometry, and different struc
tural support methods, i.e., compression fit instead of a metallic 
L-bracket. In addition, recent lip seal studies focus on numerical models, 
rather than focusing on lip seal behavior under different operating 
conditions, e.g., published literature on the behavior of the frictional 
torque with increasing pressure is limited.

The critical nature of marine lip seal failure, their constant leakage 
during operation, the scarcity of published research on the behavior of 
marine lip seals, and the increasing demand for a condition monitoring 
system of lip seals form the motivation of this study. Condition moni
toring can be challenging in marine thrusters due to limited space, harsh 
operating environment, limited and difficult measurement methods of 
the condition of the seals, and most importantly, a lack of an under
standing of their behavior.

This work aims to expand the limited research on marine thruster lip 
seals. To the best knowledge of the authors, it comprises of the work of 
Borras et. al. [36–39] who investigated one sample of a 200 mm fluo
roelastomer (FKM) marine lip seal under 12 operating conditions, and a 
previous work by the authors [40] that studied the behavior of one 
sample of a 300 mm NBR lip seal under 7 operating conditions. Other
wise, the existing body of research focuses on smaller diameter lip seals 
(60–100 mm). The present study aims to bridge this gap and expands the 
authors’ previous work [40] by experimentally investigating the 
behavior of 3 samples of a 300 mm NBR marine lip seal under a 
comprehensive, 27 sets of typical operating conditions, to establish the 
behavior of the tested seal. The 300 mm diameter is commonly used in 
thrusters of interest to the present study. To the best knowledge of the 
authors, this is the largest lip seal diameter studied in literature, with a 

higher hardness than most seals in literature, and with a fully flooded oil 
cavity, which is not common in literature. The viscous torque from the 
fully flooded oil cavity was accounted for in the analysis. The contact 
pressure of the lip seal was measured under different sealed pressures. 
The behavior of the seal was characterized by measuring the frictional 
torque and the subsurface temperature, using a robust method for the 
latter. The measurements demonstrated sensitivity to changes in the 
operating conditions and can be used as the basis of a condition moni
toring system for marine thruster seals. Finally, the wear of the lip seal 
was measured, and its total life was estimated.

2. Materials and methods

In the test sequence, the frictional torque and subsurface tempera
ture of a marine thruster lip seal (n = 3) were measured under 27 
different parameter combinations of oil temperature, oil pressure, and 
rotational speed. The methods are explained in the following sub
sections. A purpose-built test device was constructed and used for the 
experimental measurements. The test was followed by experimental and 
numerical analyses to study the tribological behavior of the tested lip 
seal.

2.1. Lip seal and liner

In this paper, a marine lip seal and shaft liner from a marine lip seal 
package were studied. The lip seal was made from Nitrile Butadiene 
Rubber (NBR), had an 80 Shore A hardness, a garter spring, a nominal 
diameter of 300 mm, and an interference fit of 4.5 mm for a new seal 
without the spring. The lip seal had an outer diameter of 345 mm, an 
inner diameter of 291 mm, and a width of 18 mm. Fig. 2 shows an 

Fig. 1. Example of thruster lip seal system.

Fig. 2. A picture of a cut, unloaded lip seal.
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unloaded lip seal. The lip seal was compressed by two housing rings that 
provided structural support. The liner was made from stainless steel, was 
hard coated with tungsten carbide, and had an outer diameter of 
300 mm. The liner was made to fit a 280 mm propeller shaft, with a 
close fit and an O-ring groove. Multiple holes were drilled into the inner 
surface of the liner to place a thermocouple near the contact surface, but 
only one was used. The holes were 0.5 mm beneath the contact surface, 
were flat ended, and had a diameter of 1.5 mm. The temperature at this 
location is expected to be very close to the contact temperature. The hole 
was filled with copper paste and the thermocouple was tightly placed 
inside the hole and connected to a wireless transmitter, both of which 
rotated with the liner. All seals were tested at the same axial position on 
the liner, which corresponded to a 1.5 mm wide track that coincided 
with the subsurface thermocouple shown in Fig. 3. The surface rough
ness of the liner was measured before and after each test to ensure 
similar test conditions, and no change was observed. The liner was 
placed on a solid shaft made from Fe 60, with a diameter of 280 mm. The 
solid shaft closely simulated the thermal aspects of a thruster.

2.2. Test bench

A test bench was constructed to study large diameter marine lip seals. 
An earlier iteration of the test bench is described in [40]. A schematic of 
the test bench is shown in Fig. 3. The test bench was constructed on a 
lathe, which was leveled to be horizontal within ± 0.03◦. The shaft and 
shaft liner were fixed to the lathe chuck and aligned to within 0.06 mm 
of total dynamic runout. The lip seal and the seal housing were attached 
to a stationary shaft, which was supported by two radial air bearings that 
were fixed to the lathe carriage. A thrust air bearing was attached to the 
tailstock, and mated with a plate connected to the stationary shaft to 
provide axial support against oil pressure. The air bearings had negli
gible friction. The seal housing consisted of three parts: two housing 
rings that fixed the lip seal in place, which were attached to the flanged 
oil cavity. The lip seal was aligned to the rotation axis of the liner using a 
dial gauge. In all tests, the axial and radial misalignments were less than 
0.2 mm. A load cell was used to prevent the rotation of the lip seal and to 
measure the frictional load via a rod connected between one of the seal 
housing bolts and the lathe rails, as shown in Fig. 4, and aligned to be 
vertical within ± 0.15◦. The frictional torque was calculated by multi
plying the frictional load by the lever arm.

The test bench was equipped with multiple control methods. A 
Variable Frequency Drive (VFD) was connected to the lathe motor and 
controlled the rotational speed to within ± 1 RPM. The rotational speed 
of the liner was measured using a non-contact tachometer. The oil 
temperature in the seal housing was measured from three different lo
cations using K-type thermocouples. Two thermocouples were placed 

near the garter spring of the lip seal, while the third was placed in the oil 
bulk inside the housing. One of the near-lip thermocouples was con
nected to a PID controller which controlled the oil heater and main
tained the near-lip oil temperature within ± 0.3 ◦C or less. The oil was 
heated by three adhesive silicone heating pads with a power of 700 W 
each. The heating pads were placed on the outer surface of the oil tank to 
prevent direct contact between the heating pads and the oil, which 
reduced the possibility of burning the oil. The tank was filled with 
approximately 80 liters of oil before the tests started. The oil level was 
above the highest oil hose connection to the tank, to avoid oil aeration. 
This amount varied during the tests as the oil filled the seal housing and 
the hoses, and due to the thermal expansion of the oil.

The tank contained about 20 liters of air at room temperature before 
the start of the test, to account for the volumetric thermal expansion of 
the oil. A pneumatic line was connected to the top of the tank, which was 
pressurized with a PID-controlled electro-pneumatic regulator, the input 
signal of which came from the measured pressure in the seal housing. 
The oil was circulated via two helical gear pumps, each controlled by a 
VFD. One pump circulated the oil within the tank at 15–20 liters per 
minute to maintain a uniform oil temperature, while the other pump 
circulated the oil through the seal housing at 10–12 liters per minute. 
The oil was filtered through a 10 µm filter on the discharge line of each 
pump. The flow rate did not affect the measured frictional torque.

2.3. Test sequence

Each seal was assembled and aligned to less than 0.2 mm of radial 
and axial misalignments. After alignment, the seal and the liner were 
coated with oil, and the seal was axially moved onto the liner to the 
location of the subsurface thermocouple. Afterwards, the oil cavity was 
filled with oil and the shaft rotation was started. The seal was then 
moved axially forward and backward to ensure that it was located at the 
location of the thermocouple. This location corresponded to the highest 
observed subsurface temperature at steady state conditions. The 
running-in of the seals was done for 100 h at a rotational speed of 200 
RPM, an oil temperature of 40 ◦C, and an oil pressure of 0.03–0.08 bar. 
This oil pressure was due to oil circulation.

After the running-in, the test sequence started. It consisted of three 
parameters: oil temperatures of 40, 50, and 60 ◦C; oil pressures of 0.1, 
0.2, and 0.3 bar; and rotational speeds of 100, 200, and 300 RPM. The 
rotational speeds corresponded to sliding speeds of 1.57, 3.13, and 
4.71 m/s, respectively. There were 27 combinations of test parameters, 
or test points, and the sample size was 3, for a total of 81 tests. At each 
test point, the measurements of the test parameters and variables – 
frictional torque and subsurface temperature – were recorded for at least 
one hour at steady state conditions. There was a sufficiently long in
terval after a test point change to allow the measurements to stabilize. 
The sequence of parameter variation was consistent for all tested seals. 
The measurements at each test point were averaged for a steady state 
period of one hour for each sample, and then averaged for the three 
samples.

2.4. Contact pressure measurement

The contact pressure of the seal was measured using Fujifilm Prescale 
pressure film, which works by imprinting red pigments of varying 
densities on a film, which correspond to known pressures. The ‘LLW’ 
film was used, which had a pressure range of 0.6–2.5 MPa. The contact 
pressure measurement was taken after the test bench sequence. The seal 
was moved away from the liner, then a piece of the film was carefully 
wrapped around the liner and fixed with adhesive tape, ensuring that it 
conformed to the curvature of the liner. The lip of the seal was coated 
with a thin oil film and moved axially onto the liner. The loading pro
cedure of the film manufacturer was followed. The seals were pressur
ized with air at 0.3, 0.2, and 0.1 bar. A measurement was considered 
successful when the film showed a smooth circumferential line on the 

Fig. 3. Schematic drawing of the test bench. (a) Lip seal. (b) Shaft liner. (c) 
Subsurface temperature measurement location. (d) Air bearings.
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film, with no waviness and with little variation in thickness, as shown in 
Fig. 5. The contact pressure values were obtained by scanning the films 
and using the manufacturer’s software to digitize the data. The 
maximum contact pressure value was obtained from the software. The 
distribution, however, was not obtained from this measurement, since 
the scanning resolution was 0.15 mm, which was coarse compared to 
the measured wear track widths.

The pressure distribution was estimated by utilizing the pressure 
distribution profile of Guo et. al. [41]. The distribution was scaled with 
the maximum contact pressure from the Fujifilm measurement, and with 
the measured contact width. In this paper, the wear track width was 
used as the contact width for the contact pressure distribution at 
different oil pressures, and in the coefficient of friction calculation. The 
coefficient of friction was calculated by dividing the frictional torque by 
the liner radius and total radial force. The total radial force was calcu
lated by integrating the contact pressure distribution along the axial 
contact width and liner circumference.

2.5. Wear measurement

The wear track width was measured using an optical microscope 
with a 10X objective and a focal depth of 18.4 µm. A jig was constructed 
to hold the entire seal under the microscope, which eliminated the need 
to cut it, and allowed tilting the seal to ensure that the wear track width 
was parallel to the focal plane. The contact width was measured 12 times 
per location, at 12 equally spaced locations on each lip seal. The wear 
track width was calculated by taking the average of the 144 measure
ments, and the same value was taken as the contact width.

The worn volume was estimated by tracing the profile of thin strips 
of the seals on paper using a profile projector with a 10X objective. Three 
strips were taken from each lip seal, and the profiles of both sides of each 
strip were traced, scanned, and digitized on SolidWorks, where the worn 
area and volume were calculated. The profile of an unworn lip seal was 
examined using the same method, and using a microscope with higher 
magnification. The unworn profile revealed a sharp corner at the con
tact. The worn area was estimated by extending lines from the edges 
adjacent to the wear track, which formed a triangle, as shown in Fig. 6. 
The wear track widths that were obtained from the profile projector and 
microscopy were in good agreement.

2.6. Viscous torque estimation

A Computational Fluid Dynamics (CFD) model was needed to esti
mate the torque produced by the viscous shear of the oil due to rotation, 
since the seal housing was fully flooded with oil, and the radial gap 
between the liner and the seal housing was neither narrow enough to 
assume a linear velocity profile, nor wide enough to assume negligible 
torque. An axisymmetric, incompressible, unsteady laminar simulation 
was done using OpenFOAM. The circulation flow of the oil was dis
regarded, since its effects were considered small compared to the rota
tion. A summary of the simulation parameters is shown in Table 1. The 
model was initially verified against two geometries which had an 

Fig. 4. Picture of the test bench. Frictional load measurement method is enclosed by a red rectangle.

Fig. 5. Scan of pressure film measurement. Pressure values refer to sealed 
pressure of each trace.
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analytical solution [42,43]: a narrow gap between two rotating disks, 
and a narrow gap between two rotating cylinders. The torque from each 
simulation was compared to its corresponding analytical solution and 
found to be in good agreement. This verification ensured that the nu
merical solution method was sound.

A mesh sensitivity analysis was conducted to minimize the number of 
mesh elements required to resolve the boundary layers and was aborted 
when the calculated viscous torque changed by less than 5 %. The 
axisymmetric geometry and a snippet of the final mesh is shown in 
Fig. 7. Nine simulations were done for three speeds and three viscosities 
that correspond to the oil temperatures. The shear stress values from 
each simulation were stored for a total of 70 s and postprocessed in 
MATLAB. The shear stress was numerically integrated over each wall 
and multiplied by the surface area of each element and its corresponding 
moment arm to obtain the total viscous torque.

3. Results

3.1. Frictional torque and subsurface temperature

The steady state measurements of the frictional torque and subsur
face temperature are shown in Fig. 8, where each point represents the 
mean value of the three seal samples at a given test point. Generally, an 
increasing oil temperature decreases the frictional torque and increases 
the subsurface temperature. An increasing oil pressure increases the 
frictional torque and slightly increases the subsurface temperature. An 
increasing rotational speed increases the subsurface temperature, but 
does not have a clear effect on the frictional torque. The effect of 
increasing rotational speed on frictional torque and subsurface tem
perature is described by the linear regression equations shown in Fig. 8.

3.2. Contact width, wear volume, and wear rate

The micrographs of the tested seals show the wear tracks. Seal 1 
experienced a degree of thermal glazing at various locations around the 
circumference of the lip, as shown in Fig. 9a. The glazing is evident when 
compared to the sealing edge of lip seals 2 and 3, shown in Fig. 9b and 
Fig. 9c, respectively. The sealing edges of seals 2 and 3 show a non- 
glazed rough surface and reveal the filler, which is likely metallic and 
can be seen as the brightly colored specs in the figures. A summary of the 
wear measurements is shown in Table 2. Seal 1 had the longest running 
time, the widest wear track, and the highest wear volume. Seals 2 and 3 
had similar running times, wear track widths, and wear volumes. The 
wear rate, mean ± SD, of the three seals was 0.031 ± 0.001 mm3/hour. 
A linear regression of the wear volume and running time gives the 
following equation for estimating the wear volume: V = 0.034t −

0.536, where V is the wear volume in mm3, and t is the running time in 
hours. The linear regression had an R2 = 0.9993. The life of the seal was 
estimated to be 50,000 h, assuming seal failure occurs when the contact 
width reaches 3 mm, which corresponds to a wear volume of 1700 mm3.

3.3. Contact pressure and coefficient of friction

The measured maximum contact pressures of the seals, shown in 
Table 3, were consistent across all seals at different sealed pressures. The 
contact pressures and measured wear track widths were used to scale the 
pressure distribution of Guo et. al. [41]. The pressure distributions were 
integrated over the total contact area to obtain the resultant contact 
force and calculate the coefficients of friction, which are shown in 
Fig. 10.

3.4. Viscous torque

The calculated viscous torques are shown in Fig. 11. The viscous 
torque increased with increasing rotational speeds and decreasing oil 
temperatures. At higher temperatures, the Taylor vortices had a periodic 
behavior, where one period was 0.6–0.8 s. In those cases, the torque was 
calculated by taking the average of multiple oscillations. The amplitude 
of the oscillation was ± 2 % of the average value of the torque. An 
example of the oscillations is shown in Fig. 12 at a speed of 300 RPM and 
an oil temperature of 60 ◦C. The viscous torques were subtracted from 
the measured frictional torque at each test point.

4. Discussion

In the test bench, the seals had consistent behavior. For instance, the 
frictional torque always increased with increasing oil pressure, which 
can be explained by the increased radial load. An increase in oil pressure 
also deforms the lip and may increase the contact width [44], depending 
on the seal geometry. The radial load increases as well, as shown in 
Table 3. The separation between the lip and the liner, i.e., the oil film, is 

Fig. 6. Traced profile of a lip seal with extended lines forming worn area.

Table 1 
Summary of CFD simulation parameters.

Points 289,561
Cells 143,712
Time stepping Courant number dependent
Courant number <0.5
Time solver Euler
Solver scheme (divSchemes) Gauss linear
Kinematic viscosities 40 ◦C: 100 mm2/s

50 ◦C: 61.2 mm2/s
60 ◦C: 39.9 mm2/s

Rotational speeds 100, 200, & 300 RPM
Simulation time 70 s

Fig. 7. Schematic of axisymmetric geometry and a snippet of the mesh.
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also affected, since the oil film thickness depends on the balance be
tween the radial load and the oil pressure in the film. Hence, an increase 
in radial load may reduce the oil film thickness, resulting in an increase 
in asperity contact, increasing the frictional torque. The results are in 
accordance with [39,45].

The frictional torque decreased with increasing oil temperature. An 
increase in oil temperature decreases the elastic modulus of the elas
tomer and the oil viscosity. The lower elastic modulus results in a lower 
radial load, which reduces the frictional force due to asperity contact 
and the coefficient of friction, as shown in Fig. 10. The lower viscosity 
reduces the viscous component of the frictional torque, but it also re
duces the oil film thickness [46], which may increase the asperity con
tact. However, the results indicate that either the asperity contact did 
not increase, or that the increase in asperity contact was countered by 
the lower viscous and radial forces. Since the coefficient of friction 

always decreased with increasing oil temperature, it is more likely that 
the decrease in local oil viscosity and oil film thickness was more sig
nificant than the increase in asperity contact. The results agree with 
those of [46]. Theoretically, if the oil temperature increases signifi
cantly, the oil film thickness may reduce so much so that asperity contact 
occurs, leading to an increase in frictional torque. However, this has not 
been observed in the present study, nor literature, to the best knowledge 
of the authors.

There was a weak correlation between the frictional torque and the 
rotational speed. In some cases, it decreased, whereas in others it 
increased or remained constant. For instance, at an oil temperature of 
50 ◦C and an oil pressure of 0.1 bar, the frictional torque was 10.6 and 
10.8 Nm at speeds of 100 and 200 RPM, respectively. The change in 
torque is small compared to other oil temperatures and pressures in 
Fig. 8. The subsurface temperature increased from 65.0 ◦C at 100 RPM 

Fig. 8. Frictional torque and subsurface temperature at different operating conditions. Each point is the mean of the three samples and the error bars represent the 
standard deviation at a given oil temperature, oil pressure, and rotational speed. Each plot shows measurements at one oil temperature, one oil pressure, and three 
rotational speeds. The arrows point to the vertical axis of each curve.
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to 76.1 ◦C at 200 RPM, which corresponds to a 34 % decrease in local 
viscosity. The small increase in frictional torque with higher speed in
dicates that the increase in hydrodynamic film generation due to the 
higher speed balances the decrease in film thickness due to the lower 
viscosity. At 300 RPM; the frictional torque decreases to 10.3 Nm, while 
the subsurface temperature increases to 84.5 ◦C. The increase in film 
thickness due to the higher speed is likely more significant than the 
reduction in oil film thickness due to lower viscosity, and the lower 
torque may be attributed to a reduction in asperity contact. While a 
lower elastic modulus has the same effect, it is less likely to be a sig
nificant factor, since the bulk oil temperature was constant across these 
tests, and the contact temperature only has a local effect on the lip 
material; most of the radial load of the lip seal comes from its cantilever- 
shaped geometry, so the effect of the lower elastic modulus would be 
significant if the oil temperature at the cantilever section changes, which 
is seen at higher oil temperatures in Fig. 8. The linear regression equa
tions in Fig. 8 demonstrate the variation of the balance between different 
factors (viscosity, hydrodynamic film generation, asperity contact, and 
elastic modulus) for a given oil temperature and pressure; in only 3 of 
the 9 plots, the linear regression of the frictional torque and rotational 
speed showed high dependence, where R2 was higher than 0.9. In the 
other cases, R2 was less than 0.7, in two of which it was less than 0.1. In 
the literature, the frictional torque of some seals increased with 
increasing rotational speed [41], whereas for others, it decreased [39] or 
remained constant [4,47]. In those studies, the sliding speeds were 
different, or the seals were reversely installed, both of which have a 
significant impact on the behavior of the lip seal, and may explain the 
difference in behavior.

The subsurface temperature increased slightly with increasing oil 
pressure, which is attributed to an increase in heat generation due to the 
increase in contact pressure and a possible increase in asperity contact, 
which are accompanied by an increase in frictional torque. This is in 
accordance with the findings of [20,21,39,47].

An increasing oil temperature increased the subsurface temperature, 
which is primarily due to higher frictional heat retention at the contact 
area, since hotter oil can absorb less frictional heat. Another explanation 
is that a higher oil temperature reduces viscosity and results in a thinner 
oil film, which increases the possibility of asperity contact and may in
crease frictional heating. However, the consistent decrease in frictional 
torque indicates that this was minimal. The lower film thickness does 
not necessarily increase frictional torque since it decreases the viscous 
shear within the film. In addition, the reduced radial load at higher oil 
temperatures may reduce asperity contact [46]. Therefore, the increase 
in subsurface temperature with increasing oil temperatures is unlikely to 
be due to an increase in frictional heating. The results are in agreement 
with the findings of [22,39,46,47].

The subsurface temperature increased significantly with increasing 

Fig. 9. Wear tracks of tested seals. The scale at the bottom right corner of each 
micrograph is 50 µm. Wear track widths are: (a) Seal 1 = 0.32 mm, (b) Seal 
2 = 0.22 mm, and (c) Seal 3 = 0.21 mm.

Table 2 
Summary of wear measurements.

Parameters Units Seal 1 Seal 2 Seal 3

Total running time Hours 499 191 196
Maximum subsurface temperature ◦C 102.2 95.5 94.6
Average wear track width µm 328 217 214
Wear volume mm3 16.2 6.0 5.9
Wear rate mm3/hour 0.0325 0.0315 0.0301

Table 3 
Maximum contact pressures.

Maximum contact pressure [MPa]

Sealed pressure [bar] Seal 1 Seal 2 Seal 3

0.1 1.02 0.95 1.02
0.2 1.12 1.18 1.13
0.3 1.18 1.22 1.14
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rotational speed, which is due to the increase in frictional heating at the 
contact. The results indicate that the increase in subsurface temperature 
is the net effect of increased viscous shear within the oil film due to 
higher speed, increased frictional heating due to higher speed, lower oil 
film thickness due to higher local temperatures, and a possible increase 

in asperity contact. The results agree with those of [21,33,39,46,48].
The wear of the tested seals was measured by a microscope to obtain 

the contact width, and by a profile projector to measure the wear area. 
There was good agreement between the results of both methods. The 
worn area was triangular, which is due to the manufacturing method 
wherein the edge of a new lip seal is cut with a sharp tool after the seal is 
molded. The triangular wear area was also observed by [22,49]. A 
similar contact width and a lower wear rate were reported in [22], while 
a larger wear rate was reported in [32]. Differences in the wear rate are 
expected, since it is affected by the shaft roughness, seal material, seal 
diameter, and operating conditions. The low standard deviation of the 
average wear rate demonstrates the similarity between the seal samples 
and between the tests. The wear of the seal and its life may be estimated 
with the wear equation, assuming a constant wear rate. The life of the 
seal was estimated to be 50,000 h, based on results from a yet unpub
lished study on a failed seal, which had a contact width of 3 mm, cor
responding to a wear volume of 1700 mm3. However, this estimate 
requires verification with longer wear tests, since the wear rate may vary 
with running time, especially due to glazing at the contact, which was 
observed in the relatively short duration of this test. When the seal 
contact is glazed, the wear rate increases, and a smooth surface de
velops, which lowers the reverse pumping ability of the seal [19] and 
may increase leakage.

To calculate the coefficient of friction, the contact pressure distri
bution must be calculated. This is usually done with an FEM analysis, 
with many examples in the literature [12,21,33,36,39,41,50–52]. The 
pressure distributions are typically asymmetric and resemble a parabolic 
or sinusoidal distribution, or in some cases, a triangle. The point of 
maximum contact pressure is usually located 20–30 % of the contact 
width away from the distribution center towards the spring side. Since 
the pressure distributions in the literature are similar, one could use the 
profiles of the distributions and scale them accordingly with the 
maximum contact pressure and contact width to obtain a reasonable 
estimation of the coefficient of friction, which was done in this study 
using the measured wear track width and maximum contact pressure. 
The latter was measured using the Fujifilm method, which has been 
performed and verified by other researchers [44,53–55]. The co
efficients of friction varied between 0.27–0.52, and were of the same 
order of magnitude as those obtained by other researchers [4,34,39,56]. 
These values, in addition to the absence of a transfer layer on the liner, 
indicate that the lubrication regime was likely mixed, and that asperity 
contact likely occurred. Some numerical models use coefficient of fric
tion values of 0.05–0.1, assuming full hydrodynamic films. Such values 
may be obtained experimentally with a low viscosity oil and low radial 

Fig. 10. Coefficients of friction.

Fig. 11. Viscous torque at different speeds and temperatures.

Fig. 12. Oscillations in viscous torque due to Taylor instabilities at 300 RPM 
and 60 ◦C.
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loading [34], although with difficulty since this requires the optimiza
tion of many parameters.

The frictional torque measurement was stable during the tests. The 
measurement had two components: the frictional torque from the lip 
seal and the viscous torque originating from the lubricant shear in the 
fully flooded oil cavity. The viscous torque of the lubricant was calcu
lated using a CFD simulation in OpenFOAM. There were some simpli
fications in the model, such as modeling the lip geometry as a line, and 
disregarding the circulation flow, since it was an order of magnitude 
lower than the fluid velocities inside the seal housing due to liner 
rotation. About 80 % of the viscous torque originated from the shear in 
the radial gap between the rotating liner and the housing. The simula
tion results were verified against the radial and axial velocity profiles of 
similar cases with a similar Reynolds number in [57,58], and were in 
good agreement.

A sample of a similar seal was tested in a previous article by the 
authors [40] under seven different operating conditions, albeit with a 
different oil and using an earlier iteration of the test bench which had a 
different thrust bearing. The frictional torque in [40] was higher than 
that in the present study. This was due to two reasons. Firstly, the re
ported torque values in [40] included the viscous torque from the 
lubricant shear in the oil cavity. Secondly, the lubricating oil was filtered 
through a fine mesh filter of 5 µm, which likely filtered out the antifoam 
silicone additive in the oil. The presence of foam in the oil was visually 
confirmed. An oil analysis showed that the test oil in [40] had a high 
tendency to foam: it had an ASTM D892 foaming tendency Sequence 1 of 
40/310 mL/mL, in contrast to the unfiltered oil, which had a foam 
tendency of 0/0 mL/mL. If the contribution of the viscous oil torque was 
removed from the measured frictional torque in [40], it would still be 
higher than the present results. This is attributed to the lack of antifoam 
in the oil, which increases the chance of foaming, and results in a larger 
variation in frictional torque at steady state conditions. In another un
reported test with foamy oil, there was a transfer layer on the liner after 
a few days of testing, which indicates a different wear mechanism when 
foam is present in the oil. The presence of foam likely increased cavi
tation in the contact area, which increased the wear of the seal and may 
have resulted in starved lubrication. The subsurface temperature with 
foamy oil was higher as well, which supports the possibility of starved 
lubrication.

The present study extensively focuses on the change of lip seal 
behavior at different operating conditions by testing three samples 
under a comprehensive combination of different operating conditions. 
Each sample was tested under 27 operating conditions, and the sequence 
of change was repeated for all seals. The standard deviation in operating 
conditions and measured variables was less than 2 % of the mean in all 
tests. Therefore, the observed change in behavior is highly likely to be 
due to actual changes in the lubrication affected by changes in the 
operating conditions. Furthermore, the measurement method of sub
surface temperature in the present study provides a better approxima
tion of the contact temperature, due to the proximity of the 
measurement location to the contact without disturbing the contact.

This study provides insight into the behavior of large diameter lip 
seals. From a scientific perspective, it studies a lip seal with a diameter 
larger than those studied in the literature, which is made from a harder 
material, and continues the previous work of the authors [40]. Most of 
the studied NBR lip seals in literature have a nominal diameter of 
60–100 mm, and frictional torques ranging from 0.5–3.0 Nm, while the 
frictional torque of the 300 mm lip seal in the present study was 
9.6–14.4 Nm. From a practical perspective, the results demonstrate the 
viability of the measurement methods of frictional torque and subsur
face temperature, the sensitivity of the two measurements to different 
operating conditions, and their usability in condition monitoring. The 
subsurface temperature method may be viable for use in a marine 
thruster, since it does not interfere with the fixture method of seal 
packages nor with the contact.

Possible experimental sources of error include the following: in the 

test bench, it is likely that the axial location of the lip seal varied slightly 
between or during the tests due to different loading conditions. The 
material of the lip seals may have aged for different periods in air and 
oil. The exact test durations varied slightly between the tests. The con
tact pressure measurement may have had errors due to possible slip-stick 
friction with the seal, in addition to the ± 10 % accuracy of each mea
surement, and the differences in temperature, humidity, and light 
exposure. The misalignments differed slightly between tests, which may 
have affected the local contact conditions. The numerical errors include 
those of the viscous torque simulation, which stemmed from resolving 
the boundary layer with an optimized mesh size, the numerical solution 
method, and some of the simplifications. In the contact pressure calcu
lation, the shape of the pressure distribution was taken from the liter
ature, and the applicability to the presently studied seal may be limited. 
In the calculation of wear, the profiles of the lip seals were traced, which 
involved approximations of the exact slopes of the traced lines and 
curves, which can affect the computed wear volume.

5. Conclusion

In this paper, an NBR marine lip seal (n = 3) was tested under 27 
combinations of realistic operating conditions. Based on the measure
ments of the frictional torque and the calculation of the coefficient of 
friction, the seals likely operated in the mixed lubrication regime. The 
subsurface temperature measurement method in this paper was proven 
robust, as it gave a close approximation of the contact temperature due 
to its proximity to the contact without disturbing the contact. In some 
tests, the subsurface temperature was close to 100 ◦C, and evidence of 
thermal glazing was found, which indicates a tendency of higher wear 
and a larger risk of leakage in marine thrusters. This work provides 
measurement values that may be used to develop or verify numerical 
models.

The behavior of a marine lip seal was assessed under a comprehen
sive test program of 27 operating conditions with 3 samples. The tests 
demonstrated that the subsurface temperature increases with an 
increasing oil temperature, oil pressure, and rotational speed to varying 
degrees, as described with mapping relationships. The results agree with 
the current body of research. As for the frictional torque, its behavior 
was in agreement with the published research in its increase with 
increasing oil pressure and decrease with increasing oil temperature. Its 
behavior with increasing speed depended significantly on the oil pres
sure and temperature and is described with mapping relationships.

The wear of the tested seal was measured and quantified, and a wear 
rate was obtained. Based on the calculated wear rate, the life of the 
tested seal was estimated to be 50,000 h. However, longer wear tests are 
needed to verify this estimate.
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